The behaviour of a simple single-bolted-joint under tensile separating loads is analysed using conventional analytical methods, a finite element approach and experimental techniques. The variation in bolt force with external load predicted by the finite element analysis conforms well to the experimental results. It is demonstrated that certain detailed features such thread interaction do not need to be modelled to ensure useful results. Behaviour during the pre-loading phase of use agrees with previous long-standing studies. However, the pre-loading analysis does not carry over to the stage when external loading is applied, as is normally assumed and it is shown that the current, conventional analytical methods substantially overpredict the proportion of the external load carried by the bolt. The basic reason for this is shown to be related to the non-linear variation in contact conditions between the clamped members during the external loading stage.
Ιντροδυχτιον
The investigation described herein was prompted in the first instance by anomalies revealed during design analysis of high-integrity, metal-to-metal, pressurised flanges. An important criterion in the design of such joints is that the proportion of external service loading carried by the bolts should be as low as possible, in order to minimise the incidence of bolt fatigue failure. Critical service conditions were to be applied in the design case which gave rise to the study and finite element analyses were used to cross-check the standard or 'classical' design approach, as exemplified by references [1] [2] [3] [4] [5] . The unexpected outcome was that a large discrepancy in predicted bolt load was revealed between those classical methods which would be acceptable to approval authorities, and the special finite element analyses. This finding prompted a threestage, systematic investigation, comprising analytical, experimental and computational studies of a representative bolt assembly (see Figure 1 ), exploration of contact modelling and non-linear effects in finite element analysis of such joints and, finally, a parametric analysis of an assembly to discover the main geometric influences on behaviour.
The present paper covers the first stage of the investigation, comparing the results of a finite element analysis with an experimental study. Several finite element studies are evident in the literature and these show that the contact conditions within a bolted joint are complex and introduce many uncertainties. However, there seem to be few examples in the literature where computational analyses have been validated directly by experiment.
Βαχκγρουνδ
Bolted joints are often regarded as unreliable and a frequent source of failure in service. In situations where leakage would be regarded as catastrophic, all-welded pipework is often specified, despite the penalty this brings when disassembly is required. There are many reasons for this, including variability associated with sealing materials and lack of specification or skill in on-site assembly, but analytical uncertainties are also a significant factor.
Two main approaches to the design of pressure-containing, bolted flange joints can be recognised. In the first case, contact between the flanges is made through a flexible seal or gasket and the bolts are sized and tightened initially to apply and maintain the correct gasket interface pressure. In the second case, the flanges are pulled together to make direct, face-to-face contact. If a seal is included in this case, it is set in a groove or chamber where the contact pressure conditions are determined by the geometry of the groove. Bolted joints may also of course have a purely load transmitting function and fluid sealing may not be a specific requirement.
The first type of gasket-contacting joint is covered in design terms by long-established standards, for example [6] , notwithstanding the fact that it has distinct disadvantages from the strength point of view. The main strength problem lies in the fact that the compressive stiffness of the gasket is usually low relative to the tensile stiffness of the bolting and this means that the bolts will suffer a large fraction of any service or external load fluctuation, to the consequent detriment of fatigue life. Also, the typical configuration of gasket seals is such that large radial offsets usually exist between the pressure load, the gasket contact load and the bolt reactions and this gives rise to large radial bending moments in the flanges and possibly also bending of the bolts.
In the second form of joint, where the flanges contact directly, the clamped members are relatively stiff in compression and therefore the in-service fluctuations of bolt load are likely to be small or negligible, provided that the bolts are tightened initially to a level exceeding the expected external load and also that the flanges do not separate.
If the seal has a small radial dimension, or a face-to-face sealing strategy is adopted, the overall diameter of the flanges can be reduced relative to the pipe dimensions, with consequent reductions in flange and bolt bending effects. These principles have been worked out in various forms of special flange, with the generic title of 'compact' flange [7] . However, such designs have not been widely accepted, despite the significant gains in weight-saving and performance that they can bring. Reluctance to change from a formally accepted Standard may be one reason for this, but the nature of the analytical uncertainties which prompted the present study may be another. It is therefore of interest to remove such uncertainties to allow the full potential of the compact flange design to be realised.
Τηεορψ
The conventional or classical theory of bolted joints is widely accepted and enshrined in many engineering textbooks e.g. [1] [2] [3] [4] [5] . Conventional theory is based on the premise that the bolt and the sandwiched members of a given bolted joint configuration can each be modelled as linear springs having stiffness κ β and κ m respectively, acting in parallel.
From the basic definition of stiffness and the principles of equilibrium and compatibility, the following relations for the bolt force, Φ β , and member force, Φ m , shown in Figure 1 , can be obtained:
…Eqn (2) Where Φ ι is the bolt pre-load, Π β is the portion of the external load carried by the bolt, Π m is the portion of the external load taken by the members and Χ is the joint stiffness parameter defined as:
The above equations should hold, provided that member bending or rotational effects are negligible, and that sufficient initial compression remains to prevent the members from separating.
Bolt stiffness is normally obtained by considering the portion of the bolt contained in the joint as a uniform bar in tension:
…Eqn (4) This formulation treats the bolt head and nut as regions as rigid and various authors (eg Bickford [4] ) have suggested that the length Λ should be augmented by a proportion of the bolt diameter δ to give an equivalent length Λ εθ which recognises the contribution of strains in the head/nut to extension of the bolt under load. A more recent formulation by N.L. Pedersen and P. Pedersen [8] based on finite element computation, also involves the outside diameter of the bolt/nut or washer, expressed as a ratio β relative to the bolt diameter, and the influence of Poisson's ratio in the head/nut regions. This relation is given as:
Calculation of member stiffness is considerably more difficult due to the nature of the load diffusion from the bolt head and nut into the members. Motosh [9] and Burguete [10] review a large number of proposed methods for determining the stiffness of the clamped members. However, the most commonly used analytical procedure is the 'pressure-cone' method in which the stress distribution in the members is approximated to a truncated cone shape of half-apex angle . Outside this pressurecone region, the magnitude of the stress field is considered to be negligible. The pressure cone geometry is indicated by the dashed line in Figure 2 . By considering the deflection of a small element of the cone δψ and integrating the effective load carrying area of the members with respect to the vertical position ψ, a general expression for member stiffness is obtained as follows:
The stiffness of each sandwiched member is found by using appropriate substitutions for τ 0 , D 0 and Ε 0 .
For the case where the thickness of the upper member is less than the thickness of the lower member, as in Figure 2 , the stiffness of the upper member, κ m1 , the first portion of the lower member, κ m21 , and the second portion of the lower member, κ m22 , can be determined by applying substitution sets (1), (2) and (3) respectively.
Subsequently, the total member stiffness, κ m , is obtained from the standard relation for springs in series:
For the particular case where the members are of equal thickness,
The value of the cone angle to be assumed in the above relations has been the subject of much investigation. For example, Osgood [11] , Wileman et al [12] and Lehnhoff et al [13, 14] have all studied the load diffusion path at the pre-load stage, using the finite element approach and have demonstrated that the cone angle depends somewhat on the particular joint configuration. Thus, as no unique cone angle exists, different engineering texts often adopt different values for . Most are in the region of 30° and therefore a pressure cone angle of 30° was employed here for comparison with the classical approach. Reference [13] also notes that the inner radius of the member δ (i.e the radius of the clearance hole) should be used in the member stiffness formulation (equation 6) and not the bolt shank diameter. This point has also been emphasised more recently by N.L. Pedersen and P. Pedersen [15] in a new formulation of member stiffness at the pre-load stage.
Note that it is assumed in this form of analysis that the member stiffness is linear at all times and is the same during the external loading stage as for the pre-loading operation. Grosse and Mitchell [16] provided evidence from a finite element study of a single geometry that these conditions might not prevail and that, in the external loading stage, the effective member stiffness can be both much higher than in the preloading stage and also non-linear.
In the present work, a simple single-bolted-joint arrangement of the type depicted in Figure 1 was analysed when subject to an increasing external load, applied in a sense that would separate the joint. The model should reasonably represent the behaviour of an individual bolt in a group comprising a connection, although the behaviour would not necessarily be axisymmetric in such a case. The forces in the bolt shank, predicted alternatively by classical analytical techniques and the FE computation, were compared to the experimental determination. Effects of gaskets and washers were not considered. Figure 3 shows a wire frame model of the test assembly. The test specimen was designed such that it could be considered to be axisymmetric, thereby reducing the complexity of the required FE model. Figure 4 shows a representation of the assembly and details the important dimensions.
Εξπεριmενταλ αναλψσισ
Classical bolted joint theory does not consider flange bending effects and these were minimised in the experimental model by restricting the outside diameter and thus, the loading radius. The test rig was attached to a tensile test machine by two externally threaded connecting shafts, screwed to the inside diameter of each cylinder. The outside diameter of the bolted assembly was set at seven times the bolt diameter to ensure that load diffusion from the bolt head should not interact with the applied load or the outer boundary of the flange (i.e. in excess of the largest pressure cone angle of 45˚ suggested in the literature). A reserve factor of three on yield strength was applied to the loaded annulus to avoid plastic deformation in this region.
Aircraft Standard AS 21523 bolts and nuts, featuring integral washer contact were used. Two strain gauges were aligned axially on the bolt shank. The strain gauges were arranged in a full-bridge to reject bending strains. A clearance of 1.5 mm between the bolt shank and the bore was required for the strain gauges. The bolt was centrally aligned in the members by using locating washers with an internal profile that matched the outside profile of the bolt head and nut, and an outside diameter that corresponded to the internal diameter of the cylindrical rig wall.
Φινιτε Ελεmεντ Μοδελ
A two-dimensional, axisymmetric model of the experiment was developed using the finite element code ANSYS v 9.0 [17] (see Figure 5 ). Dimensions were as given in Figure 4 . (The inset diagram 'simplified bolt geometry' will be discussed later.) This idealisation introduced only minor geometric approximations, such as a cylindrical bolt head and nut. Accurate comparison of the FE results with the experimental results was the principal objective and the thread profiles were included in the model. Plasticity effects were also considered by employing the Bi-linear Kinematic Hardening model included in the ANSYS software, with a post yield modulus set at 10% of Young's Modulus. The material properties of the bolt and test rig are detailed in Table 1 and the coefficients of friction adopted are given Table 2 . This model, incorporating detailed thread profiles and plasticity characterisation, is designated 'advanced model' in the results presentations.
The model was meshed with the two-dimensional, 2 nd order, quadrilateral element PLANE82, which has axi-symmetric capability. Flexible-to-flexible contact surfaces were defined between all contacting geometries. Contact surface pairs were generated using the contact elements CONTA172 and TARGE169, which are three-node, onedimensional elements and are compatible with the PLANE82 elements used. The surfaces meshed with the CONTA172 elements allow penetration of the corresponding surfaces meshed with TARGE169. Hence for flexible-to-flexible contact analysis, each surface was meshed with both contact and target elements.
The pre-load in the bolt was generated at the mid-plane of the bolt shank using the pretension element PRETS179, which is contained in the ANSYS v9.0 element library. These elements allow direct specification of the pre-load in the bolt. Essentially, the pretension elements operate by splitting the geometry on a particular plane and subsequently collapsing elements across this location until the required preload is generated.
Due to the nature of operation of the pretension elements, it was necessary to apply vertical constraint to the model at the innermost node of the member-member interface. Consequently, loads closely approaching the value required to give complete separation of the joint were not considered. The external loading was applied in terms of nodal point forces at the inner face of the annular wall of the rig (see Figure 5) .
Inclusion of such features as the bolt and nut thread profiles in the finite element model adds greatly to the modelling overhead. Furthermore the geometry of the bihex bolt head used was difficult to generate. A simpler model of the experimental rig was developed therefore, in which the threads were removed and plasticity effects were excluded. The bolt head and nut geometries were simplified to a rectangular transverse sectional form (of external radius 5.6 mm as in the actual bolt). The simplified bolt geometry is shown on the left hand side of Figure 5 (note: all other geometric features were unchanged) and this model is described as 'simple FEA model' in the results presentation later.
Εξπεριmενταλ ανδ ΦΕΑ ρεσυλτσ
The experimentally measured force in the bolt was obtained from the product of the recorded strain, the Young's modulus of the bolt and the shank area. The bolt force computed by FEA was calculated from the bolt area, together with the stress at the bolt mid-plane, which was consistently uniaxial and uniform.
The load data for the analysis is provided in Table 3 . The strain gauges on the bolt shank were used to set the pretension in the experiment. The experimental procedure was repeated four times for each pre-tension value and good repeatability was achieved in all cases. A new bolt was used when applying a different pre-load. The external loading was increased in the experiments to a level corresponding to 70-80% of the respective pre-load. Several observations can be made from the FEA plots. Firstly, the transfer of external load to the bolt is small in all cases. There are differences between the 'simple' and 'advanced' FEA results and the reasons for these differences relate to the effective stiffnesses of the bolt and member components at different stages, as shown in Table  4 . (Note that in some cases, the force/displacement relationship for the component is not linear and the stiffness quoted is an average. Such results are preceded by '≅' sign.)
The lower transfer of load to the bolt in the 'advanced' model is due largely to the much greater member stiffness of the advanced model in the external loading stage, especially where the higher pre-load of 16/17 kN is applied. The most striking aspect of the stiffness table however, is that the member stiffnesses are substantially higher in the external loading stage than in the pre-load stage. This is of particular importance as conventional theory assumes that the stiffnesses do not change in moving from the pre-load to application of the external load. Pre-load level has little effect on the results from the 'simple' model, presumably because the material is assumed to be linear elastic and there is no 'bedding in' of the threads. Higher preload results in a higher effective member stiffness in the 'advanced' model and slightly decreased bolt stiffness; these two factors leading to a greater reduction in bolt load relative to the 'simple' model. (It is arguable that a plasticity assumption is inappropriate for many applications in any case, as cyclic loading will usually result in shakedown to elastic behaviour.) The non-linearity of the advanced model results has a number of sources, but the strongest influence is from the non-linearity of the member stiffness which reduces throughout, and especially as the external load reaches a level corresponding to the pre-load level. This leads to increased transfer of load to the bolt at higher external load levels. (Further explanation of these findings will be given later in the context of the stress fields.)
The computed behaviour is reflected fairly well in the experimental results, given the departures from idealisation, which are likely to be present, both in the finite element analyses and in the experimental determinations. Increasing the pre-load level in the experimental case reduces the transfer of load to the bolt (relatively) but not to such a great extent as predicted by the Advanced model.
Discrepancies between the finite element and experimental results can be attributed to several factors, including the following:
• Very small changes in the magnitude of the experimental bolt strains will generate large changes in measured force.
• The surface finish of members under the bolt head could not be made perfectly smooth due to the manufacturing difficulties associated with machining a blind hole. This, as suggested by Ito et al [18] can affect load diffusion from the bolt head. Reference [8] also highlights the strong influence on member stiffness of providing different forms of clearance under the bolt head or washer.
• The plasticity model applied in the FE model of the experimental arrangement is idealised and improved agreement might be obtained if the true post-yield material characteristics were to be modelled. Results from the FE model suggest localised yielding will occur both at the threads and at the corner where the bolt head joins the shank.
• The contact analysis capabilities of the FEA software and the influence of user specified parameters for contact analysis may contribute to the discrepancies.
The results from the simplified model happen to be closer to the experimental results, although this is probably fortuitous. This model does not capture the non-linear trends of the experimental curve, which would seem to be due mainly to local effects and plasticity. However, as the simple model should lead to a more conservative prediction of bolt force and is more robust from the modelling point of view, it has much to recommend it for use in the design of bolted connections.
Χοmπαρισον ωιτη χλασσιχαλ τηεορψ
The discrepancies between the experimental results and the results obtained from the finite element models become far less significant if the bolt loads predicted using classical theory (equations 1-7) are overlaid on the plots, as shown in Figure 8 . This figure indicates that classical analytical techniques substantially over-estimate the load carried by the bolt, suggesting that bolted joints designed using this approach appear to be much over-designed in terms of the increase in bolt load to be expected in service. This represents a considerable shift in design thinking and it is therefore advisable to establish the reasons for the large change in effective member stiffness which appears to take place when external load is applied.
The basic reason is that the boundary loading distribution of the external loading and the resulting effects on the contact at the interface between the members is too far removed from that of the pre-load case to be considered as equivalent, in terms of St Venant's Principle, to a separating load applied in the region of the bolt head. This is readily appreciated through Figures 9 and 10 which show contours of stress in the axial direction under pre-load and external loading conditions. (Note in these figures that the stress contour magnitudes are the same in each figure and the levels have been set to show the areas that carry high proportions of load, by virtue of their large cross-sectional area.)
Under pre-loading conditions, as shown in Figure 9 , inter-member contact is maintained at both load levels and the increase of stress is linear, as is confirmed by load/deformation plots. Given that the outer radii correspond to larger areas, the whole cross section is seen to be carrying the pre-load, despite the fact that the stress in the outer radii is less. The most highly stressed area is not conical, of course, but it would be possible to define a conical region which would yield similar member stiffness to the computed value. The member stiffnesses, given in Table 4 , are consistent with other determinations, including the most recent formulation in reference [15] and the barrel-shaped contours seen here have been noted in several other studies.
When the external loading is applied, as shown in Figure 10 , the members begin to lose contact and the axial stress in the outer diameter regions of the member drops to zero, or at least to a low level. The member rapidly sheds much of the load corresponding to the previous pre-load stress fields. Note that the stress field close to the bolt head contact changes very little. As a consequence, the effective unloading stiffness of the member is high and very little of the external load is transmitted to the bolt. The penalty of course is that the member faces lose contact, which could be important in relation to sealing requirements.
Even more extreme non-linear effects on member stiffness were reported previously for a single bolted joint geometry by Grosse and Mitchell [16] in a configuration where the radial bending stiffness of the member was probably much less than in the present example. Lehnhoff ετ αλ [14] recognised the findings of reference [16] and carried out a parametric survey of different geometries and materials. However, their results misinterpret the significance of non-linearity as their quoted stiffness values are referred to the initial unloaded state rather than to the pre-loaded starting point, which is more relevant to any cyclic loading experienced by the bolts in service. The results of a parametric survey carried out by the present authors show that several variables are significant in the external loading phase, in relation to non-linear behaviour, enhanced member stiffness and loss of contact. These include bolt size, total grip length and the radial position of the external load application. Publication of these results in a form which will facilitate design decisions is planned. However, for the time being, it is clear that the pre-load analysis gives very little insight into the service external loading situation and there is therefore every reason for designers of bolted joints to optimise proposed designs through specific finite element determinations, especially in situations where a high-performance joint is required.
Χονχλυσιονσ
• Reasonable agreement between the results of the finite element study and the experimental analysis has been demonstrated.
• Finite element models of bolted joints that do not include the threads and use simplified representations of the bolt head and nut geometry produced results that conformed well to the experimental data. Such an approach is conservative with respect to prediction of the proportion of external load transmitted to the bolt.
• Classical theory of bolted joints has been shown to greatly over-predict the portion of the external load carried by the bolt and is therefore pessimistic in relation to prediction of fatigue strength.
Αχκνοωλεδγεmεντσ
Φιγυρε Χαπτιονσ 
